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H I G H L I G H T S
• Economiser and recuperator dictate the economic metrics of a reheated humid air turbine system.
• Fuel and equipment purchase cost drive the average cost of the power produced by the system.
• Humid air turbine shows 14% higher thermal eﬃciency than a typical combined gas-steam plant.
• Humid air turbine show roughly 62% lower total purchasing cost than a combined gas-steam plant.
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A B S T R A C T
The purpose of this paper is to identify the economic potential of a reheated humid air turbine system for power
generation applications. A parametric analysis is performed to correlate the technology level of the system with
the required cost of the electricity for economic viability. The eﬀect of ﬂuctuations of the main cost drivers is
evaluated via an uncertainty analysis. The performance of the studied reheated humid air turbine is compared
against previously studied humid conﬁgurations and well established gas-steam combined cycles. The fuel cost is
found to be driving the cost of electricity. The uncertainty analysis also shows the dependency of the optimum
cycle design parameters upon the market prices. The analysis reveals the capability of the reheated humid air
turbine to be an economically viable option for the power generation sector featuring an estimated cost of
electricity 2.2% lower than simpler humid cycles, and 28% lower than established combined cycles currently in
service. The outcome of the work constitutes a step forward in the understanding of the economic performance
of advanced complex cycles and proves the potential of such systems for applications where high eﬃciency and
economic performance is jointly required.
1. Introduction
Over the past decades, thermal eﬃciency enhancements in gas
turbine systems have been a key driver in the development of advanced
power plant conﬁgurations. Advanced gas turbine conﬁgurations pre-
viously studied include steam injection, triple-pressure combined cy-
cles, and humid air turbines [1–5]. Although combined gas-steam cy-
cles are currently an established option in terms of thermal eﬃciency,
several studies have postulated that humid air systems could also be
attractive in the small to medium-size power generation market [5–10].
Humid Air Turbines (HAT) or Evaporative Gas Turbines (EvGT)
were initially introduced by Rao in the late 80’s [11]. Jonsson and Yan
[9] performed a techno-economic comparison between HATs and
combined cycles. This study proved the capability of the HATs to
achieve a similar cost of electricity with a lower speciﬁc investment
cost. Subsequent cost studies performed by Traverso and Massardo
[12], and Kavanagh and Parks [10] showed that HATs are capable to
achieve a lower cost of electricity that Combined Cycle Gas Turbines
(CCGT), demonstrating the techno-economic potential of this advance
cycle for the power generation market. The ability of the HAT systems
to recuperate a notable part of the waste heat back into the cycle
without the need of a bottoming cycle is the main driver of the observed
competence against the CCGTs.
Pedemonte et al. [13,14] experimentally analysed the oﬀ-design
performance of the air saturator. Wang et al. [15] and Kim et al. [7]
studied the eﬀect of the ambient conditions on the performance of the
HAT. In both works, it was proved that as the ambient temperature
increases the performance of the HAT is less penalised than the ‘dry’ gas
turbines or the CCGTs. During warm days, the humid cycle is capable to
evaporate a larger amount of water compensating the negative eﬀect of
a poorer compressor performance. In addition, Takashi et al. [16]
concluded that humid air turbines show a better eﬃciency than CCGTs
during part-load performance across a similar range of operation. In
terms of emissions, Yagi et al. [17] reported that HAT NOx emissions
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can be as low as roughly 10 ppm due to the high content of water within
in the combustion chamber. Moreover, HAT systems are more compact
power-units compared with ‘dry’ gas turbine packages and CCGT and
present faster start-up times.
Although previous studies have focused on the performance cap-
abilities of HAT systems, little eﬀort has been invested to understand
the full techno-economic potential of this cycle. Chiesa et al. [18]
suggested that the addition of a reheater in the gas turbine would
augment the thermal eﬃciency and speciﬁc work of the power plant. A
reheated HAT system was previously studied by Brighenti et al. [19].
This work conﬁrmed the potential of the reheated HAT conﬁguration to
achieve thermal eﬃciencies beyond the threshold of 60%. Nevertheless,
no economic study of the reheated HAT system has been presented so
far to identify the economic viability of such a system.
This paper presents a techno-economic analysis of a 40MW class
reheated humid air turbine power plant for power generation. A para-
metric design space exploration is performed to demonstrate the impact
of the heat exchanger technology level on the economic metrics. An
uncertainty analysis showing the impact of the main cost driver ﬂuc-
tuations on the cost of the electricity is also included. Finally, the
economic performance of the investigated cycle is benchmarked against
the performance achieved by high eﬃciency humid and combined cycle
systems previously presented.
2. Methodology
2.1. Cycle conﬁguration and modelling approach
The Reheated Humid Air Turbine (RHAT) analysed in this study,
shown in Fig. 1, is based on the conﬁguration previously presented by
Brighenti et al. [19]. The cycle layout includes an aftercooler to aug-
ment the saturator performance as proposed by Thern et al. [20], an
Nomenclature
Symbols
Cx [J/K] Heat capacity
∗C [-] heat capacity ratio
cp [J/kg K] speciﬁc heat capacity
COE [$/kW h] cost of electricity
COE [$/kW h] average cost of electricity
+H [J/kg] enthalpy invariant
h [J/kg] speciﬁc enthalpy
hfg [J/K] speciﬁc enthalpy of evaporation
+M [-] mass invariant
ṁ [kg/s] mass ﬂow
n [years] years of life of the power plant
p [Pa] pressure
psat [Pa] saturation pressure
PEC [$] purchase equipment cost
Q ̇ [W] heat rate
Rx [J/kg K] speciﬁc gas constant
SPEC [$/kW] speciﬁc purchase equipment cost
TΔ sp [K] saturator pinch point temperature diﬀerence
T [K] temperature
t [hours/year] hours of operation per year
Tdew [K] wet bulb temperature
Tsat [K] saturation temperature
Ẇ [W] plant power output
Abbreviations
AC aftercooler
AE annual expenses
CEPCI chemical engineering plant cost index
DC direct costs
EC economiser
EvGT evaporative gas turbine
FCI ﬁxed capital investment
HAT humid air turbine
IC intercooler
Int interests
LNG liquid natural gas
O&M operation and maintenance
PFI plant ﬁxed investment
RC recuperator
RHAT reheated humid air turbine
SAT saturator
TCI Total Cost of Investment
Subscripts
a dry air
comb combustor
comp compressor
fin ﬁnancing
g humid air
gen generator
HX heat exchangers
i operational year
in inlet
ini initial
max maximum
min minimum
out outlet
v vapour
w water
Greek Symbols
ηth thermal eﬃciency
ε eﬀectiveness
Ξ [$] cost
ϕ relative humidity
ω water to air ratio
Fig. 1. Reheated humid air turbine system cycle layout.
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intercooler to minimise the compression work, and an economiser to
raise the temperature of the feeding water, as discussed by Nyberg and
Thern [21]. A saturator bypass is included between the exit of the high
pressure compressor and the inlet of the combustion chamber as sug-
gested by Ågren and Westermark [22,23]. An open loop is used to feed
water in the heat exchangers as previously discussed by Rosen [24].
The thermal performance of the system is simulated using a com-
putational platform comprising modules that estimate the thermal be-
haviour of each component of the RHAT system. This platform has been
previously described in detail by Brighenti et al. [19]. The performance
of the gas turbine and the recuperator is calculated by Turbomatch©
[25], a zero-dimensional, modular, component-based simulation fra-
mework developed at Cranﬁeld University. The performance of the
turbines and compressors are calculated using the polytropic expan-
sion/compression relationships, the eﬃciency deﬁnitions, and the en-
thalpy balances. The performance of the combustor is estimated the
enthalpy balance and the assumed eﬃciency of the burner. Details
about the modelling approach for the main parts of the gas generator,
i.e. compressors, turbines and burners, are shown by Walsh and
Fletcher [26]. The performance calculation platform has been ex-
tensively validated in previous studies [27–30]. The performance of the
saturator is calculated using the model based on mass and energy bal-
ance, in addition to mass and heat transfer equations, presented by
Brighenti et al. [19]. This model has been also validated against ex-
perimental data provided by Lindquist et al. [31]. The key equations of
the saturator performance calculation method adopted herein as well as
the validation of the method is shown in Appendix A. The outlet con-
ditions from all air-water heat exchangers and the recuperator unit are
calculated using their imposed eﬀectiveness and the energy balance
equations as shown in Appendix B. The simulation platform also in-
cludes the calculation of the required turbine blade cooling ﬂows, bled
at the outlet of the high pressure compressor. The approach developed
by Young and Wilcock in [32] has been employed for the estimation of
the turbine cooling requirements.
The required parameters for the deﬁnition of the cycle are presented
in Table 1, together with their assumed values. The bypass ratio, heat
capacity ratio of the heat exchangers, and relative pressure ratio are
optimised to maximise the thermal eﬃciency of the cycle, according to
the model presented by Brighenti et al. [19]. The bypass ratio of the
saturator is an optimised variable that varies across a range between 0
and 1, the relative pressure ratio from 0.25 to 0.75, and the air-water
heat exchanger’s heat capacity ratio from 0.3 to 0.95. The eﬀectiveness
of the heat exchangers is used as the technology level indicator of the
cycle. The heat exchanger technology level scenarios analysed are
shown in Table 2 and include a low, an average, and a high technology
level case in terms of heat exchanger eﬀectiveness. The optimised cycle
parameters for each heat exchanger technology scenario are shown in
Table 3.
2.2. Cost analysis method
The economic analysis of the system relies on the Purchase
Equipment Cost (PEC) as an economic metric to deﬁne the acquisition
price. This comprises the cost of the gas generator including the power
turbine (Ξbare GT), the packaging (Ξpackaging), the electric generator (Ξgen),
the saturator tower (ΞSAT), and the heat exchangers (∑ ΞHX ), as shown
in Eq. (1). The total price of the bare gas turbine includes the com-
pressors, the turbines, the combustion chambers, and the ancillaries, as
shown in Eq. (2). The acquisition cost of the turbomachinery and the
electric generator are estimated using the correlations presented by
Traverso et al. [33]. The cost of the compressors (Ξcomp) and turbines
(Ξturb) is based on the inlet mass ﬂow, pressure ratio, inlet temperature
and the assumed polytropic eﬃciency. The cost of the combustion
(Ξcomb) chamber is based on the outlet temperature, the temperature
raise, and the relative pressure losses. The cost of the generator (Ξgen) is
correlated with the power generated. The cost of the ancillaries
(Ξancillaries) is assumed to be 40% of the turbomachinery cost, and the
cost of the packaging is estimated as 40% the cost of the previous two,
as suggested by Kavanagh [10].
∑= + + + +PEC Ξ Ξ Ξ Ξ Ξbare GT packaging gen SAT HX (1)
∑ ∑ ∑= + + +Ξ Ξ Ξ Ξ Ξbare GT comp turb comb ancillaries (2)
The acquisition cost of the saturator is estimated based on the
weight of the shell (8800 USD/ton) and the packing volume (3800 $/
m3), assuming that both are made in stainless steel as recommended by
Lindquist in [34]. To account for the cost of the droplet eliminator,
water sprays, and the rest of the subcomponents an additional $14,000
is added on top of the baseline cost [34]. The main dimensions of the
saturator are calculated using the model presented by Brighenti et al.
[19] (also in Appendix A of this paper) for a structured packing-bed
conﬁguration.
The intercooler, the aftercooler, and the recuperator are plate-ﬁn
counter-current cross-ﬂow units, whereas the economiser is designed as
a ﬁnned-tube counter-current cross-ﬂow unit to avoid passage blocking
as a consequence of water condensation, according to the conﬁguration
presented by Brighenti et al. [19]. The acquisition cost of the heat ex-
changer is estimated based on the heat transfer area using the corre-
lations presented by the ESDU [35] for the plate-ﬁn units, and by Ca-
sarosa [36] for the ﬁnned-tube units. The total heat transfer area of the
heat exchangers is calculated using the eﬀectiveness-Number of
Transfer Units method developed by Kays and London [37]. Unit costs
Table 1
Cycle performance modelling assumptions.
Power output 40MW
Turbine inlet temperature for both combustion chambers 1600 K
Overall pressure ratio 40
Compressor polytropic eﬃciency 0.90
Core turbine polytropic eﬃciency 0.90
Power turbine polytropic eﬃciency 0.92
Combustion chamber eﬃciency 0.99
Combustion chamber pressure loss 5%
Saturator pinch point 5 K
Saturator pressure loss 5%
Water-air heat exchangers air-side pressure loss 7.5%
Cold-side recuperator pressure loss 7.5%
Hot-side recuperator pressure loss 5%
Maximum allowed blade metal temperature 1300 K
Film cooling eﬀectiveness 0.40
Internal ﬂow cooling eﬃciency 0.70
Table 2
Heat exchanger eﬀectiveness envelopes analysed.
Parameter Technology level
Low Average High
Intercooler, Aftercooler, Economiser eﬀectiveness 0.75 0.85 0.95
Recuperator eﬀectiveness 0.8 0.85 0.90
Table 3
Optimised parameters for the studied cycle conﬁgurations.
Parameter Technology level
Low Average High
Saturator bypass ratio m ṁ / ̇g AC g HPC, , 0.46 0.41 0.53
Relative low pressure ratio PRLPC
OPR
log
log
0.57 0.53 0.53
Intercooler’s heat capacity ratio C C/ wg 0.95 0.95 0.95
Aftercooler’s heat capacity ratio C /Cg w 0.95 0.95 0.95
Economiser’s heat capacity ratio C /Cg w 0.88 0.88 0.82
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known from previous years are updated to 2015 prices using the Che-
mical Engineering Plant Cost Index (CEPCI) as described in [38]. The
detailed heat exchanger geometry is speciﬁed using the methodology
previously presented by Brighenti et al. [19].
In the absence of any detailed data about the infrastructure re-
quired, the Total Cost of Investment (TCI) is estimated based on the
Purchasing Equipment Cost (PEC), the Direct Costs (DC), and the Fixed
Capital Investment (FCI), as suggested by Bejan et al. [39]. The as-
sumed values of these costs are based on the work published by Barberis
et al. [40] and are represented in Table 4.
For a lifecycle economic analysis, the annual expenses during the
plant economic life are required. These are estimated using the model
proposed by Bejan et al. [39] which accounts for the payment of the
Total Cost of Investment (TCI), the interest generated by the required
loan (cost of ﬁnancing), the taxes, the cost of fuel, and the Operation
and Maintenance (O&M) costs to estimate the annual expenses (CAEi) as
shown in Eq. (3). The TCI accounts for the plant’s sub-system’s costs
including installation costs, the land acquistion costs, the construction
of the access roads, etc. The loan’s interests are derived from the credit
required to pay oﬀ the TCI. In this study the loan is divided in three
parts, a part paid with a common equity, other with debt, and the other
with preferred stock. The fuel costs include the purchase of fuel re-
quired to operate the power plant, which is based on the power and
eﬃciency of the plant. Finally, the O&M costs include the mantime
required for normal operation of the power plant as well as the main-
tenance costs over the lifetime of the system including the costs for
replacement parts. In this study, the O&M costs include a ﬁxed part
proportional to the PEC and a part proportional to the fuel used. Full
details about the cost model can be seen in [39].
The assumed values to enable the cost study are presented in
Table 5. The analysis is conducted in current dollars accounting for
inﬂation and the assumptions made to support it rely on the economy of
a developed country. A similar study using economic ﬁgures of an
emerged economy might be able to identify the potential of such an
advanced cycle system as part of the energy market in a developing
country where high eﬃciency plants are also of critical importance.
The Cost of Electricity (COE) is calculated using Eq. (4). The COEi
represents the total cost of generating a kilowatt hour at year i and
reﬂects the minimum sale price to recover the annual expenses. The
COE varies during the book life of the power plant following the annual
cost variation. As such, the average cost of electricity,COE , for the book
life is used as an economic index and is calculated as shown in Eq. (5).
Average cost of electricity represents the total average cost of gen-
erating one kilowatt hour accounting for the annual expenses along the
whole book life.
= + + + +Ξ Ξ Ξ Ξ Ξ ΞAE ini fin tax fuel O M&i i i i i i (3)
=COE
tW
Ξ
̇i
AEi
(4)
∑
= =COE
C
ntẆ
i
n
AE
1
i
(5)
3. Results and discussion
3.1. Eﬀect of heat exchanger technology
The eﬀect of the heat exchanger eﬀectiveness on the thermal eﬃ-
ciency and the economic metrics of the power plant is presented in
Fig. 2 for the three scenarios shown in Table 2. In this study the Speciﬁc
Purchase Equipment Cost (SPEC) and the average cost of electricity
(COE) of the average technology scenario (heat exchanger eﬀectiveness
at 0.85 for all units, SPEC=334.06 $/kW, COE=6.81 c$/kW h) have
been used as reference to calculate relative changes. Fig. 2 shows that a
Table 4
Economic assumptions for the calculation of the total cost of investment [40].
Total cost of investment Fixed capital investment Direct costs Installation 20% of PEC
Piping 10% of PEC
Instruments and control systems 6% of PEC
Electric equipment and materials 10% of PEC
Land 5% of PEC
Civil, structural, and architectural work 15% of PEC
Service facilities 30% of PEC
Indirect costs Engineering and supervision 25% of PEC
Construction 15% of DC
Contingency 8% of all the above
Other outlays Startup 8% of FCI
Working capital 15% of FCI
Licensing, and research and development 7% of FCI
Table 5
Assumptions for economic analysis.
Assumed starting year of the project January 2015
Time until commissioning starts 1 year
Assumed plant commissioning time 2 years
Plant economic life 20 years
Plant life for tax purposes 10 years
Income tax rate 30%
Other taxes and insurances 2% of PFI
Real inﬂation 2.5%
Real inﬂation for the fuel 3.0%
Fraction funded by common equity 35%
Fraction funded by preferred stock 15%
Fraction funded by debt 50%
Interest rate of the common equity 6.5%
Interest rate of the preferred stock 6.0%
Interest rate of the debt 5.5%
Fuel price (LNG) 0.25 $/kg
O&M variable 2% of FCI
O&M ﬁxed 0.83 $/kg of fuel
Availability 85%
Fig. 2. Impact of the technology level of the heat exchangers on theCOE , SPEC ,
and ηth.
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reduction in the heat exchanger eﬀectiveness from the average to the
low technology level is associated with a 2.3% reduction in the Speciﬁc
Purchasing Equipment Cost (SPEC), which when combined with the 3
percentage points (pp) loss in thermal eﬃciency yields to a 3% increase
of the COE . Improving the heat exchanger technology from the average
to the high level scenario (see Table 2) yields to a more aggressive
change in SPEC , which increases by 9.5% in this case. This increase
combined with the improvement in thermal eﬃciency yields to a 1%
reduction of the COE relative to its baseline value.
The impact of the eﬀectiveness of each heat exchanger on the
thermal eﬃciency, SPEC, and COE is shown in Fig. 3. The eﬀectiveness
of each heat exchanger varies across its speciﬁed design range, in order
to identify its relative contribution to the overall economic metrics of
the system, while the rest of the design variables are kept constant.
Fig. 3a shows that the reduction of the intercooler eﬀectiveness
from 0.85 to 0.75 causes an increase in the average cost of electricity by
1.46%. Although this reduction doesn’t aﬀect the purchasing costs of
the unit, a notable penalty on its thermal eﬃciency is imposed, which
drops by approximately 1 pp from 58.6%. Poor air humidiﬁcation and
the higher required compression work promoted by the less eﬀective
intercooling reduces the speciﬁc power of the plant causing an increase
in size. Therefore, the lower acquisition cost of the less eﬀective in-
tercooler is compensated by the higher price of the rest of the units
which keeps the SPEC fairly constant. An intercooler eﬀectiveness of
0.95 drives the system to more eﬃcient but also to higher SPEC con-
ﬁgurations, which eﬀectively cancel each other out leaving the average
cost of electricity almost unaﬀected. The aftercooler shows broadly a
similar behaviour as the intercooler (see Fig. 3b). However, the changes
in SPEC and thermal eﬃciency triggered by the increase in eﬀective-
ness are found to have a secondary eﬀect on the predicted COE . A 5 pp
reduction in recuperator eﬀectiveness (0.8 from 0.85, Fig. 3c) entails a
0.5% increase in the predicted COE due to the associated penalties in
thermal eﬃciency (−1.34 pp) which are not compensated by the al-
most 4% reduction in SPEC. The driver behind the thermal eﬃciency
deterioration is the reduced capacity of the system to exploit the waste
heat. For a 5 pp increase in recuperator eﬀectiveness (0.9 from 0.85),
the thermal eﬃciency gain (+1.18 pp) out-competes the 4% increase in
SPEC yielding to 0.5% reduction in the COE . Finally, the economiser is
found to also drive the cost of electricity across a± 1% zone for ef-
fectiveness values of 0.75 and 0.95 respectively. This change is pri-
marily dominated by the increase in thermal eﬃciency of the system
produced by a more eﬀective unit.
In conclusion, the analysis shows that the recuperator and the
economiser primarily drive the cost metrics of the power plant, while
the intercooler has a big impact on cost only for low eﬀectiveness va-
lues. The parametric analysis enables the identiﬁcation of the most cost-
eﬃcient system conﬁguration. This features an intercooler and after-
cooler eﬀectiveness of 0.85, economiser eﬀectiveness 0.95, and re-
cuperator eﬀectiveness 0.90 (see Table 6). The identiﬁed values of heat
exchanger eﬀectiveness that produce the cost optimum conﬁguration
balance the capacity of the cycle to recuperate heat directly against its
capacity to exploit un-recuperated waste heat to raise humidity.
3.2. Uncertainty analysis
The total annual cost of the power plant operation depends on four
key parameters: (i) fuel costs, (ii) purchase equipment costs (PEC), (iii)
Fig. 3. (a) Eﬀect of the intercooler, (b) eﬀect of the aftercooler, (c) eﬀect of the recuperator, (d) eﬀect of the economiser eﬀectiveness on ηth on SPEC and on COE .
Table 6
Heat exchanger eﬀectiveness for minimum average cost of electricity (COE).
εIC [–] 0.85
εAC [–] 0.85
εRC [–] 0.90
εEC [–] 0.95
ηth [%] 60.33
SPEC [$/kW] 345.33
COE [c$/kW h] 6.74
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interest rates over the loan period to pay oﬀ the initial investment, and
(iv) operation and maintenance (O&M) costs. The nature of these cost
elements is associated with an implicit uncertainty. Fuel prices may
undergo severe ﬂuctuations over time following global ﬁnancial trends.
Purchase cost estimates rely on correlations derived statistically from
public domain data with an implicit standard deviation. The assumed
interest rates may change signiﬁcantly depending on the risk of the
economic project, which is declared by the investor and heavily inﬂu-
enced by the current ﬁnancial conditions. Finally, the O&M costs can
vary across a wide range depending on the technology level of the
equipment installed, the location of the power plant, operation mode,
ambient conditions as well as other unforeseen circumstances which
need to be accounted for as contingency. According to the above con-
siderations, an imposed variation, across a range between −20% to
+20%, is applied to each of the four parameters over the lifetime of the
plant aiming to to assess the sensitivity of the average cost of electricity
on these cost drivers. The selected uncertainty range is based on the
expected error ranges derived from the calculation methods shown by
Traverso et al. [33] and Bejan et al. [39] which justify that such a range
is representative for the type of cost studies presented herein. The cycle
conﬁguration shown in Table 6 is used as reference to show the var-
iations of the COE . The reference values of interest rates, baseline fuel
cost, and the O&M costs are the presented in Table 5, whereas the
baseline purchase equipment cost (PEC) of $13,813,200 is derived from
the SPEC provided in Table 6.
Fig. 4 shows the impact of the four parameters analysed on theCOE.
The fuel cost is found to have the strongest inﬂuence in the COE,
showing a change of 0.75% per percentage point fuel cost variation.
The PEC uncertainty causes small changes in the COE , of the order of
0.25%, for each PEC percentage point variation. Variations in the O&M
costs or the interest rates of the debts have minor eﬀect, producing
changes of only 0.05% per percentage point change (note that O&M and
Interests lines are collapsing on top of each other in Fig. 4). Therefore,
both lines appear overlapped in Fig. 4. The analysis reveals a linear
correlation between any of the four cost drivers and the COE . There-
fore, such a study enables the impact of larger ﬂuctuations of any of the
four cost drivers by extrapolation using the data presented herein as
reference.
The tile-plot shown in Fig. 5 identiﬁes the exchange rates between
all cost drivers across the design space. On each plot, the x-axis re-
presents the percentage variation of the interest rates, and the y-axis the
percentage variation of the O&M costs from the reference values shown
in Table 5. Fuel cost variation from nominal values is shown in the
major x-axis while uncertainty in PEC is shown in the major y-axis. The
contour lines represent the percentage COE departure from the re-
ference value (Table 6). Point A in Fig. 5 represents a pessimistic
scenario whereby the variation of the four parameters is +20% with
regards to their reference values. In that case, the COE is estimated to
be around 23% higher with respect to the baseline case (point REF in
Fig. 5). An optimistic scenario is represented by point B (bottom left
corner in Fig. 5), where the variation for the four parameters is −20%
in relation to their baseline values. This scenario shows a COE reduced
by 22% compared to the baseline case (point Ref. in Fig. 5). In addition,
as the PEC uncertainty decreases, the rate of change of the COE pro-
duced by the in interest rates and the O&M cost variations diminishes as
these two parameters show strong dependence on purchasing costs.
Finally, from Fig. 5 it becomes clear that increased relative fuel costs
dictate a cost optimum system conﬁguration with high technology level
inter-cooler and recuperator (light grey regime εIC =0.95, εRC =0.90),
which better exploits the waste heat within the power cycle. When the
anticipated relative fuel costs drop, a low technology level system
seems to also be viable (εIC =0.85, εRC =0.85, dark grey regime in
Fig. 5), which combines low operating costs with low purchasing costs
due to the relatively more compact size of these heat exchangers.
3.3. Comparison against other advanced cycles
In Table 7 the RHAT conﬁguration shown in Table 6 is compared
against the cost metrics of humid cycles previously reported by Kava-
nagh and Parks [10], and Traverso and Massardo [12]. A CCGT cycle
[10] is also included for reference. The cost metrics of the current RHAT
system are re-estimated under the assumptions of previous studies
(Kavanagh et al. [10], Traverso and Massardo [12]) to enable com-
parison.
Table 7 shows that the RHAT system features 62% lower predicted
cost of investment than an equivalent CCGT. As a result, the average
cost of electricity (COE) is reduced by 28%, also due to the RHAT’s 14%
higher thermal eﬃciency. Comparing against previous humid cycles, it
is observed that the RHAT cycle features a 15% and roughly 8.5% lower
SPEC than STIG and simpler HAT cycles respectively (Kavanagh and
Parks [10]). The lower SPEC is a consequence of the higher speciﬁc
power achieved by the RHAT (130% compared with the STIG and 38%
compared with the HAT), as it reaches higher humidiﬁcation ratios. As
such, despite the additional combustion chamber and the requirement
for advanced materials, the reduction in size of all the components, as a
consequence of the higher speciﬁc power, enables a cost reduction that
out-competes the above mentioned drawbacks. Nevertheless this re-
duction is not suﬃciently large to achieve a lower SPEC than the TOP
Humid Air Turbine [10], which does not require an intercooler, an
aftercooler, or a humidiﬁer. From Table 7 is also observed that the
RHAT cycle out-competes the rest of the cycles in terms of thermal
eﬃciency due to its increased capability to exploit waste heat and in-
troduce humidity into the cycle. Finally, the enhanced thermal eﬃ-
ciency and the low purchasing costs of the RHAT system yield to a
notably lower estimated average cost of electricity against the compe-
titor systems with the COE reductions ranging from −28% against the
CCGT plant [10] to roughly −2% against the humid air water injected
system shown in [12].
4. Conclusions
In this paper, a techno-economic analysis of a reheated humid air
turbine system is presented. Lifecycle cost analysis showed that the
average cost of electricity is primarily driven by the eﬀectiveness of the
recuperator and economiser. These heat exchanger units represent the
key components that manage the waste heat recuperation and humidity
levels while they also dictate the size, hence the acquisition cost, of the
power plant. Increasing the technology level of the recuperator and the
Fig. 4. COE sensitivities in cost drivers for the most cost eﬃcient conﬁguration.
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economiser by 5 and 10 percentage units respectively yields to a re-
duction in the cost of the electricity of about 0.5% and 1% respectively.
The uncertainty study showed that possible variations in fuel costs
and the uncertainty of the purchased equipment cost are the main
parameters driving the ﬂuctuations of the average cost of the elec-
tricity. The cost of electricity increases by 0.75% per percentage point
of fuel price increase, and by 0.25% per percentage point rise in pur-
chase equipment cost. Comparisons against previously reported studies
Table 7
Comparison of reference reheated humid air turbine (Table 6) performance against previously reported advanced cycles.
Cycle ηth [%] SPEC [$/kW] COE [c$/kW h]
RHAT RHAT RHAT
Steam injected cycle [10] 49.36 +22.2% 323 −14.9% 6.85 −26.4%
Gas-steam combined cycle [10] 53.00 +13.8% 720 −61.8% 7.00 −28.0%
Humid Air Turbine [10] 52.26 +15.4% 300 −8.3% 6.48 −22.2%
TOP Humid Air Turbine [10] 54.12 +11.5% 187 +47.0% 6.00 −16.0%
Humid Air Turbine [12] 51.74 +16.6% n/a n/a 4.21 −5.5%
Humid Air Water Injected Turbine [12] 50.04 +20.6% n/a n/a 4.07 −2.2%
Fig. 5. Percentage mean cost of electricity variation from reference cycle. Cost optimum conﬁguration in dark grey region εIC =0.85, εAC =0.85, εRC =0.85,
εEC =0.95. Cost optimum conﬁguration in blank region εIC =0.85, εAC =0.85, εRC =0.90, εEC =0.95. Cost optimum conﬁguration in light grey region εIC =0.95,
εAC =0.85, εRC =0.90, εEC =0.95.
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on combined and humid cycles show that the reheated humid air tur-
bine features 61.8% lower purchasing costs than a typical CCGT.
Moreover, due to its high eﬃciency (approximately 14% higher than a
typical combined cycle), estimated average costs of electricity are ap-
proximately 30% lower than these of CCGT system.
Overall a detailed economic analysis of a reheated humid air turbine
power plant intended for power generation has been performed in order
to explore the potential of this conﬁguration for power generation ap-
plications. The impact of the heat exchanger technology on the eco-
nomic metrics was demonstrated, revealing their inﬂuence on the ac-
quisition cost and in the COE , which was not previously known. The
outcome of the work constitutes a step forward in the understanding of
the economic performance of advanced complex cycles and proves the
potential of such systems for applications where high eﬃciency and
economic performance is jointly required.
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Appendix A. Saturator tower performance calculation
The model for simulating the design performance of the saturator tower, previously presented by Brighenti et al. [19], relies on the inlet pressure,
temperature, and mass ﬂow of the two streams (dry air and water) and the pinch point temperature diﬀerence ( TΔ ps). The pinch point temperature
diﬀerence is deﬁned as the minimum temperature diﬀerence between the operating line of the water and the saturated air enthalpy line across the
saturator [41]. For this modelling process, the air–vapour mixture is treated as an ideal mixture of ideal gases, while the air at the outlet of the
saturator is assumed to be fully saturated [22]. From the conservation of the dry air and water mass as well as conservation of energy two invariants
of the system ( +M , +H ) can be deﬁned as:
− = +
m
m
ω Ṁ
̇
w
a (6)
+ − − =+ +h T ω h T h T M h T H@( ) [ @( ) @( )] ( )a g v g w w w w (7)
Under the assumption of an ideal mixture of ideal gas, absolute humidity is deﬁned as:
=
−
ω
ϕ p T
p ϕ p T
R
R
@( )
@( )
.sat g
sat g
a
v (8)
ṁ represents the mass ﬂows of the two streams, +M the mass invariant, h T@( )x the speciﬁc enthalpy evaluated at temperature T , p the pressure,
ω the water to air ratio (deﬁned as the amount of vapour in the air divided by the dry airm ṁ / ̇v a), +H the enthalpy invariant. p T@( )sat g indicates the
saturation pressure evaluated at the temperature of the gas. ϕ represents the relative humidity, Rx is the speciﬁc gas constant of each ﬂuid, and the
subscripts a, g, w, and v stand for dry air, humid air, water, and vapour respectively.
For the calculation of the saturated gas thermodynamic properties, the above-deﬁned system of equations is solved at three sections along the
saturator gas path. “Station 0” corresponds to the pinch point condition between the operating line and the saturated enthalpy line of the air. The
temperature diﬀerence between the two above-mentioned lines is deﬁned by TΔ ps. Therefore, it is possible to approximate the water temperature as
= +T T TΔw ps g. “Station 1” corresponds to the bottom section of the tower, where the air inlet conditions are known. Last, “Station 2” corresponds to
the top section of the saturator, where the water inlet conditions are known and the outlet air is assumed to be saturated. The equations Eq. (6)–(8)
are evaluated and solved at “Station 0” and “Station 2”, which enables the calculation of the two invariants ( +M , +H ) and the conditions of the outlet
gas. Once the invariants are known, the system of equations is evaluated at “Station 1”, which corresponds to the bottom section of the saturator, to
calculate the conditions of the outlet water. Finally, the air outlet pressure is calculated assuming a 5% pressure loss of the inlet total pressure.
The saturator performance model was previously validated against experimental data obtained by Lindquist et al. [31] using the Lund HAT cycle
demonstrator, as shown in Table 8.
The sizing model of the tower enables the estimation of the height and diameter of the saturator’s packing. The diameter is calculated following
the correlation presented by Coulson and Richardson [42]. The pressure losses are set to 300 Pa/m and the maximum velocity is 60% of the ﬂooding
velocity to ensure stable operation and avoid water over-ﬂood. The packing height is estimated based on a variation of the method previously
proposed by Aramayo-Prudencio and Young [43]. This model enables the estimation of the saturator’s height from a given performance. The
required inputs are: the characteristic dimensions of the packing-bed, the previously calculated diameter, an initial guess for the height, and the inlet
conditions of both streams as inputs. The model iteratively calculates the humidiﬁer’s performance based on the data provided and the initial
guessed height, and compares the results with the humidiﬁer thermodynamic data obtained from the cycle design. The packing height is determined
Table 8
Validation of the saturator model against experimental data from Lindquist et al. [31].
Inlet/Input conditions Outlet conditions
Paremeter Units Data Parameter Units Model Experimental data Discrepancy (%)
mg in, (kg/s) 2.17 mg out, (kg/s) 2.5685 2.55 0.7
Tg in, (K) 346.75 Tg out, (K) 389.97 389.15 0.2
p (bar) 7.88 ωout (–) 0.1837 – –
mw in, (kg/s) 3.48 mw out, (kg/s) 3.0815 3.10 0.6
Tw in, (K) 419.35 Tw out, (K) 347.52 352.85 1.5
TΔ ps (K) 10 – – – – –
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once the above-mentioned iteration reaches convergence.
Appendix B. Heat exchanger thermodynamic model
The outlet conditions from all air-water heat exchangers are calculated using the optimised heat capacity ratio ( ∗C ), deﬁned in Eq. (9), and the
imposed eﬀectiveness (ε), deﬁned Eq. (10), where Q ̇ represents the heat rate. Gas mass ﬂows are deﬁned as part of the cycle analysis, whereas the
heat exchanger water mass ﬂows are calculated using the heat capacity ratio of the air and water streams, ∗C , under the assumption that the water
always presents the higher heat capacity ( =C Cw max). As water condensation in the air stream is possible ( <T Tg out g dew, , ), the latent heat of con-
densation of the water in the humid air causes variations in the heat capacity of the gas during the condensation process and generates a pinch point
between the two streams within the heat exchanger (see Fig. 6).
=∗C
C
C
g
w (9)
=ε Q
Q
̇
̇max (10)
In order to calculate the heat exchanger outlet conditions and iterative scheme is used. The procedure begins by guessing the water mass ﬂow.
Then the maximum heat transferred (Q ̇max) is calculated as the minimum between Eq. (11) and Eq. (12). The subscripts in and out stand for inlet and
outlet conditions respectively, h T@( ) is the speciﬁc enthalpy evaluated at temperature T and hfg is the speciﬁc enthalpy of evaporation of the water.
= − + −Q m h T m h T m m ḣ ̇ @( ) [ ̇ @( ) ( ̇ ̇ ) ]g in g g in g out g w in g in g out fgmax , , , , , , (11)
= −Q m h T m h Ṫ ̇ @( ) ̇ @( )w w g in w w w inmax , , (12)
Subsequently, the outlet gas and water temperatures are obtained from Eq. (13) and Eq. (14) respectively, where Q ̇ is obtained from Eq. (10).
= − + −Q m h T m h T m m ḣ ̇ @( ) [ ̇ @( ) ( ̇ ̇ ) ]g in g g in g out g g out g in g out fg, , , , , , (13)
= −Q m h T m h Ṫ ̇ @( ) ̇ @( )w w w out w w w in, , (14)
The amount of condensed vapour is obtained from Eq. (15). ω T p@( , )sat g out g, is the saturated water to air ratio evaluated at the outlet temperature
of the gas and at the pressure of the gas. When ωsat > ωin no condensation is taking place and the amount of water condensed is to zero.
− = − = −m m m ω ω m ω ω T Ṗ ̇ ̇ ( ) ̇ [ @( , )]g in g out a in out a in sat g out g, , , (15)
Once the outlet temperature of both ﬂows is obtained, the heat capacity ratio of the air and water side is calculated from Eq. (16). TΔ x dry,
represents the temperature jump of the stream in the dry section, that is from the inlet of the gas up to the dew point. When no condensation occurs,
TΔ x dry, represents the temperature jump across the whole heat exchanger.
=C Q
T
̇
Δx x,dry (16)
Finally, a revised heat capacity ratio ∗C is re-calculated using the values obtained from Eq. (16). In case that the calculated and the initial design
values do not match, the water mass ﬂow guess is revised and the process is repeated until convergence is reached.
The water is injected into the saturator at a liquid phase to facilitate the humidiﬁcation process. The outlet temperature of the water is limited by
the water saturation temperature evaluated at the saturator’s pressure. A safety coeﬃcient of 0.9 is introduced to avoid any steaming in the saturator,
as shown in Eq. (17), where T p@(0.9 )sat SAT is the saturation temperature of the water evaluated at 0.9 the saturator’s pressure. In case the condition
was not satisﬁed, the water mass ﬂow would be increased, a new heat capacity ratio is calculated which overwrites the initial value.
Fig. 6. Heat transfer process in air-water heat exchangers.
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⩽ =T T T p@(0.9 )w out w sat SAT, ,max (17)
In the recuperator, the inlet proprieties of both streams are deﬁned. Therefore, the outlet conditions of the two streams are calculated with the
deﬁnition of the eﬀectiveness of the heat exchanger. The pressure losses of the heat exchangers are calculated analogously to the method used in the
saturator since the pressure losses are imposed as a percentage on the inlet pressure.
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